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Abstract 
Heat recovery from exhaust gas streams is applicable to a wide variety of industries. However, high heat transfer 
resistance of gases and the presence of entrained particulate matter that readily fouls limits industry uptake of current 
heat recovery technology. Improvements to standard heat exchanger designs are needed. In this study Computational 
Fluid Dynamics (CFD) is used to investigate the effect of ten different tube cross-sections on heat transfer resistance, 
gas flow resistance and foulability. The average wall shear stress around the shape is used to predict foulability and 
an estimated asymptotic fouling resistance is used to calculate an equivalent fouled Coulburn j factor, jf. CFD results 
show the best tube for exhaust heat recovery is an elliptical tube closely followed by the flattened round tube. The 
ellipse shape produced fouled Coulburn j factor, jf values, expressed as a ratio of tube bank friction factor f, over 
100 % higher than that of standard round tube. A flattened round tube is also promising, given enough spacing 
between the tubes, and may be the practical economic optimum. 
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1. Introduction 
Numerous industrial processes produce hot exhaust gas streams which have the potential for heat 
recovery [1–3]. Three common examples are gas fired turbines in electricity generation, coal fired boilers 
for process heating, and spray dryers in dairy and food powder production.  In each case the processes 
draw in fresh cool gas, usually air, and emit hot humid gas mixed with entrained particulates. The 
substantial moisture content of the exhaust gas carries with it considerable latent and sensible heat. A 
simple method to increase overall process energy efficiency is to recover heat from the exhaust gas stream 
and use it to pre-heat the cool incoming gas stream or another heat sink. Spray dryer exhaust heat 
recovery systems have shown that energy savings in the order of 20 – 25 % with a payback of around two 
to three years is achievable [4,5]. Other industrial case studies of exhaust heat recovery for a variety of 
industries offer similar levels of energy savings [1,6,7].  
Two significant problems are encountered in exhaust gas heat recovery. High heat transfer resistance of 
gases and the presence of entrained particulate matter causing fouling and increased resistance to heat 
transfer on the gas side of the exchanger. As heat transfer resistance increases, heat exchanger duty 
decreases, for constant area, and heat becomes more expensive to recover. In boiler recuperators a 
particulate foulant layer 2 mm thick can reduce the overall heat transfer coefficient by 5% [3]. Foulant 
layers also increase heat exchanger pressure drop, which increases the energy input requirement of fans 
and blowers to maintain a constant gas flow rate.  
To restore heat exchanger performance after fouling, heat exchanger surfaces require cleaning. 
Depending on the particulate and the foulant bond strength, foulant layers may prove difficult to remove. 
Where extended surfaces, such as fins need to be rigorously cleaned, deformation of the fins may occur 
and the long-term performance of the exchanger will be compromised. 
Established technology dealing with exhaust gas heat recovery covers a wide range of direct 
(recuperators) and indirect (regenerators) systems and equipment. For example, rotating regenerators, 
plate heat exchangers, liquid coupled loops (also referred to as run-around coils), convection and radiation 
recuperators, and heat pipes are but a few of the options commercially available. Evidently some of these 
options, such a rotating regenerators and radiation recuperators, are not applicable to low temperature 
exhaust gases that contain entrained particulates. Rotating regenerators would readily foul and potentially 
block due to particulates depositing in the often micro-scale passageways in the exchanger, which would 
rapidly cause severe increases in pressure drop. Radiation recuperators are outside the scope of this paper.  
An important design decision is whether the exhaust gas will flow through a tube bank, inside a tube 
bundle, or between parallel plates. This decision is particularly important in situations where high fouling 
rates are expected. The scope of the present study is to focus on the hot gas stream flowing through a tube 
bank as the method of heat recovery. 
Traditionally compact heat exchangers of tube bundles use round tube (circular cross-section). Round 
tube is commonly available and offers a favourable heat transfer to pressure drop ratio. Geometrically, it 
has no localised stress concentrations, meaning wall thickness and its associated heat transfer resistance 
can be kept to a minimum. However recent studies suggest other cross-sectioned tubes show better 
performance than round tube, especially when subjected to fouling [8–10]. A key selection in heat 
exchanger design is the tube shape and cross-section.  
This study numerically investigates the trade-off between heat transfer, pressure drop, and foulability 
of 10 tube shapes. A comparison between tube shapes is CFD modelled; while the hydraulic gas diameter, 
frontal free-flow area, and heat transfer area per volume is kept constant. The relative severity of fouling 
is inferred by the wall shear stress and recognised relationships between deposition and wall shear stress 
[11]. Particular attention is given to fouling in two locations, the front and back of the tube. Sub-micron 
particles are controlled by a diffusion transport mechanism and deposit at the rear of tubes, whereas larger 
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particles are inertia impaction controlled and deposit on the front of tubes. The addition of extended area 
surfaces, like fins, and in-line tube arrangement has not been investigated. 
 
Nomenclature 
 
A proportional fouling constant 
B fouling time constant 
cp gas heat capacity (kJ °C-1 m-2) 
E power per heat transfer area (kW m-2) 
f friction factor 
h heat transfer film coefficient (kW °C-1 m-2)  
hf  equivalent fouled film coefficient (kW °C-1 m-2) 
j Coulburn j factor 
jf  equivalent fouled Coulburn j factor 
Pr  Prandtl number 
ǻP  tube bank pressure drop (Pa) 
Re Reynolds number 
Rf  fouling resistance (°C m2 kW-1) 
St Stanton number 
t time (s) 
Į ratio of total heat transfer area on one side of the exchanger to total volume of  
the exchanger (m2 m-3) 
ȡ  gas density (kg m-3) 
u  average (heat exchanger face) gas velocity (m s-1) 
ı  frontal free-flow area 
ȝ gas viscosity (Pa s) 
ĳ  hydraulic gas diameter (m) 
τw  wall shear stress (Pa) 
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2. Theory 
2.1. Tube bank heat transfer and pressure drop 
Equations relating heat transfer and pressure drop to flow and exchanger surface characteristics have 
long been established in the literature. The heat transfer film coefficient, h, of a heat exchanger surface 
may be expressed in terms of the non-dimensional Coulburn j factor (Eq. 1). 
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The Coulburn j factor can also be expressed in terms of the Stanton number, St and the Prandtl number 
Pr (Eq. 2). 
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As gas moves through an exchanger a pressure drop, ǻP, in the gas occurs, mainly due to friction 
between the gas and the exchanger surfaces in the exchanger core. Other sources of pressure drop include 
flow acceleration and deceleration effects and entrance and exit effects. They typically account for about 
1 – 3% of the total pressure drop and may be ignored [12]. The power needed to overcome a tube banks 
core friction per heat transfer area, E, may be expressed in terms of the Coulburn j factor and the f friction 
factor (Eq. 3) 
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The Coulburn j factor and the f friction factor are functions of Reynolds number, Re, (Eq. 4) and for 
temperature correction the Prandtl number is used. These functions are specific to a heat exchanger 
surface and shape and the Reynolds number is based on the gas velocity through the frontal free-flow area 
(u/σ). 
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Eq. 1 and 3 can be further expressed as a ratio of h/E (Eq. 5) as a measure of heat exchanger surface 
efficiency [12]. Higher h/E ratios result in greater heat transfer for the same amount of fan power, which 
indicates a more efficient heat exchanger surface. Eq. 5 shows j/f is proportional to h/E. 
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In this study numerical modelling results for several tube shapes are compared using the j/f ratio for a 
range of Reynolds numbers. Eq. 5 provides a good comparison between heat transfer and pressure drop, 
however, if space is a constraint, a volume optimisation is required. To ensure a fair comparison between 
tube shapes, both frontal free area (σ) and the ratio of total heat transfer area on one side of the exchanger 
to total volume of the exchanger (Į), and, therefore ĳ, are held constant. As a result the Reynolds 
numbers for the different tube shapes are constant for the same average gas flow velocity. 
2.2. Tube bank fouling 
Particulate deposition and re-entrainment models for heat exchangers are numerous [10]. Where 
particulate fouling is assumed to be asymptotic [13], then the general time dependent model has the form 
of Eq. 6, where Rf is the fouling resistance, Ĳw is the wall shear stress, t is time, A is the proportional 
fouling constant, and B is the fouling time constant. 
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Constants A and B are proportional to a complex combination and interaction of particulate 
concentration and transport coefficients.  Due to the asymptotic nature of most particulate fouling, the 
most severe fouling resistance can be found by taking the limits as time approaches infinite ( Eq. 7). 
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In this study it is assumed that A is constant for all tube shapes and that the differences in fouling 
levels are the result of wall shear stress variations. Therefore on the gas-side of the heat exchanger, an 
equivalent fouled heat transfer coefficient, hf, is determined by summing the heat transfer resistances of 
the gas and foulant layer (Eq. 8). 
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In terms of a fouled j factor, jf, Eq. 8 and Eq. 1 becomes, 
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and a fouled exchanger surface has the ratio of jf/f. The pressure drop of the heat exchanger may also 
rise due to fouling, but has not been quantified because no extended area surfaces are considered. In 
particular, finned tube and plate-fin tube heat exchangers can experience a dramatic surge in pressure 
drop in the order of 200 % [14]. For these cases the rise is mainly due to the frontal face of the heat 
exchanger being partially blocked by particulates, which in turn lowers the air flow rate (constant fan 
power). Fouling inside these heat exchangers is relatively minimal and a drop in heat transfer is the result 
of the reduction in air flow [14]. For bare tubes,  
Thick foulant layers may result in an Rf of about 0.0005 m2⋅°C/W [15], which roughly corresponds to 
A = 0.0005 Pa⋅m2⋅°C/W.  This A value is used to translate average Ĳw into approximate Rf values in this 
study. 
3. Methods 
3.1. Tube geometries 
Tube geometries (Fig. 1) include: (1) round, (2) 90° diamond (or rotated square), (3) 75° diamond, 
(4) hexagon, (5) ellipse (2:1), (6) egg (front-side 2:1 ellipse, back circle), (7) reverse egg, (8) 90° apex 
round (9) reverse 90° apex round and (10) flattened round (20 mm flats). All shapes have the same width 
at the widest points (20 mm) and the same transverse spacing distance (30 mm), which denotes the frontal 
free-flow area, ı, is 0.33. Tube rows have a staggered arrangement.  Inline tube arrangements were not 
considered as part of this study. The longitudinal spacing is varied so that the hydraulic gas diameter, ĳ, 
and heat transfer area per volume, Į, are kept constant. 
 
 
Fig. 1. Tube geometries and orientation to gas flow direction (1) round, (2) 90° diamond (or rotated square), (3) 75° diamond, 
(4) hexagon, (5) ellipse (2:1), (6) egg (front-side 2:1 ellipse, back circle), (7) reverse egg, (8) 90° apex round (9) reverse 90° apex 
round and (10) flattened round (20 mm flats) 
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3.2. Tube arrangements 
Tube arrangements have been derived from common arrangements of round tube. The two 
arrangements of round tube selected used transverse spacing ratios 1.50 and 2.00, and longitudinal 
spacing ratios of 1.25 and 1.00, where the spacing ratio is based on the equivalent hydraulic diameter. 
These arrangements are standard arrangements taken from Kays and London [12]. Using a 20 mm 
diameter round tube and the respective arrangement, ı, ĳ, and Į could be calculated for these set-ups. 
These important parameters have been kept constant in the arrangement of all other tube shapes. For 
example, the ellipse with a length to width ratio of 2:1 had a width of 20 mm and length of 40 mm. The 
actual transverse spacing in the elliptical arrangement was the same as that of the round tube bank. 
However the longitudinal spacing had to be increased to ensure that ı, ĳ, and Į would remain constant. 
As a result the elliptical tube bank has a longitudinal spacing ratio of about 1.50 for both arrangements. 
An example tube arrangement with gas flow direction for the round tubes is shown in Fig. 2. 
 
 
Fig. 2. Tube arrangement and orientation to gas flow direction 
3.3. Numerical models 
Two-dimensional Computational Fluid Dynamics (CFD) models in Fluent 13.0 have been developed. 
Each model contains six rows of tube (Fig. 3) and only half of the tubes were modelled and symmetry 
lines were used. The mesh was verified to be solution independent by examining both the heat transfer 
and pressure drop as a function of mesh size and the results are presented in Fig. 4. Wall boundary layers 
were inflated to obtain a wall y+ < 1. As a result the cell numbers were in the order of 105 for all 
geometries. The inlet and outlet lengths and inlet gas turbulence were also tested and confirmed to be 
solution independent. Independence models were computed with the highest intended airflow velocity 
(10 ms-1) and Reynolds number (23 000). This meant that when the models were computed at lower 
speeds the minimum solution quality requirements would be met.  
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Fig. 3. Round tube model and mesh 
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Fig. 4. Impact of the number of mesh cells on pressure drop and heat transfer solutions for a round tube model at the maximum gas 
velocity of 10 ms-1 
Three steady state turbulence models were considered to solve the round tube bank models: the k-ȍ 
Shear Stress Transport (SST), Realizable k-İ and Reynolds-Normalisation Group (RNG) k-İ models. The 
inlet temperature was set at 350 K and the wall temperature at 300 K.  Heat transfer on the front rows 
were significantly influenced by the developing gas flow. Therefore to reduce the flow entrance effect, 
heat transfer was only modelled on the 4th and 5th rows.  Temperature and pressure drop outputs from the 
models were converted into dimensionless numbers j and f.  Area averaged wall shear stress values were 
calculated for the front and back facing sides and sides parallel to the flow were not included in the 
averages.  
The SST turbulence model produced the closest match to experimental correlations [12,16,17] (Fig. 5) 
and was used in all other tube models. Fig. 5 shows the CFD derived data accurately represents the 
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experimental correlations.  The most significant difference occurred at low Re; the friction factor 
deviation was 9%, which is still within the experimental error [12]. 
 
20
00
60
00
10
00
0
14
00
0
18
00
0
22
00
0
26
00
0
Re (ĳair)
0.004
0.007
0.010
0.040
0.070
0.100
   
   
   
   
   
 j 
   
   
   
   
   
   
   
   
   
   
   
   
   
   
f
 j (CFD)
 f (CFD)
 Kays & London
 Incropera et al.
 Sparrow et al.
 
Fig. 5. Comparison of j and f values from literature experimental correlations to CFD predictions for round tube [12,16,17] 
4. Results and discussion 
Average tube performance results have been summarised and ranked; Table 1 gives the results for 
σ = 0.33 and Į = 84 m2/m3 and Table 2 for σ = 0.50 and Į = 79 m2/m3. The results for each tube have 
been divided by the equivalent round tube value and averaged across the Re number range considered. 
For example, the 90° diamond obtained the highest j factor and on average across the Re range of 2,300 – 
24,000, was 42 % higher than the round tube case. This is equivalent to the ratio of 1.42 as shown in 
Table 1. 
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Table 1: Summary of tube geometry performance ratios for σ = 0.33 and Į = 84 m2/m3. *All values have been divided by the 
performance of round tube and average across all Re modelled 
Ranking j* f* (j/f)* τw* Front 
τw* 
Back 
(jf/f)* 
Front 
(jf/f)* 
Back 
Ellipse 0.73 0.34 2.17 0.66 1.04 2.16 2.33 
Flattened round 0.81 0.47 1.73 0.94 1.32 1.75 1.91 
Reverse egg 0.87 0.67 1.30 0.93 1.04 1.31 1.36 
Egg 0.94 0.75 1.25 0.83 1.11 1.25 1.30 
All apex 0.97 0.91 1.06 0.95 0.93 1.06 1.05 
Reverse apex 0.97 0.95 1.01 1.00 1.08 1.01 1.04 
Round 1.00 1.00 1.00 1.00 1.00 1.00 1.00 
75° Diamond  1.19 2.25 0.53 1.39 1.63 0.54 0.58 
Hexagon 1.28 3.14 0.41 1.95 1.93 0.42 0.46 
90° Diamond  1.42 3.59 0.40 1.82 2.29 0.40 0.44 
Table 2: Summary of tube geometry performance ratios for σ = 0.50 and Į = 79 m2/m3. *All values have been divided by the 
performance of round tube and average across all Re modelled. 
Ranking j* f* (j/f)* τw* Front 
τw*  
Back 
(jf/f)*  
Front 
(jf/f)* 
Back 
Ellipse 0.84 0.42 1.99 0.67 2.05 1.98 2.31 
Reverse egg 0.85 0.55 1.56 0.82 0.96 1.56 1.58 
Egg 0.95 0.73 1.30 0.84 1.24 1.30 1.38 
Reverse apex 0.91 0.79 1.15 0.90 0.90 1.15 1.15 
All apex 0.94 0.81 1.15 0.85 0.85 1.14 1.13 
Round 1.00 1.00 1.00 1.00 1.00 1.00 1.00 
Flattened round 1.06 1.63 0.65 1.83 5.73 0.67 0.81 
Hexagon 1.10 1.89 0.59 1.45 1.84 0.60 0.66 
75° Diamond  1.15 2.21 0.53 1.22 1.24 0.53 0.54 
90° Diamond  1.40 4.25 0.34 1.64 1.76 0.34 0.35 
 
For both tube arrangements the ellipse is predicted to give the highest and most favourable j/f and jf/f 
ratios. An interesting modelling result is the ellipse is predicted to have a lower j factor than round tube, 
but this loss is offset by a much lower f. In fact all the shapes ranked, for either arrangement, above round 
tube show a similar trend, whereas the shapes ranked below round have a larger j but over double the f. 
The advantage of using an ellipse over a round tube increases with higher Reynolds numbers (Fig 6). 
Figs 6 and 7 present results for five of the ten tube shapes with other tube shapes showing similar trends. 
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Results suggest the better arrangement of the tubes is using σ = 0.33 and Į = 84 m2/m3, in an almost 
equilateral arrangement. 
 
20
00
60
00
10
00
0
14
00
0
18
00
0
22
00
0
26
00
0
Re (ĳair)
0.05
0.15
0.25
0.35
j /
 f
 Round                 90° Diamond 
 Ellipse                 Reverse Egg      
 Flattened Round
 
Fig. 6. Comparison of j/f values for tubes with σ = 0.33 and Į = 84 m2/m3 
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Fig. 7. Comparison of j/f values for tubes with σ = 0.50 and Į = 79 m2/m3 
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The second ranked tube shape was dependent on the tube arrangement. The flattened round tube 
performs well with the larger longitudinal spacing, but its f suffers greatly with the smaller longitudinal 
spacing (Fig 7). The rise in f is the result of flow separation occurring on the rounded front of the tube 
instead of at the back of the tube, particularly in rows 2 and 3 (Fig 8). As the flow separates from the tube 
(Fig 8b), small recirculation zones next to the edges parallel to the flow are created. The separation is the 
result of the gas jetting through the smaller gap between tubes. Provided an appropriate longitudinal 
spacing is used, the flattened round would give an effective solution due to likely lower production costs 
than elliptical tube. Flattened round tube is manufactured by rolling round tube to flatten the sides, 
whereas elliptical tube is generally non-standard. The reverse egg shape also shows similar advantage 
over round tube. Much of the benefit in using the reverse egg shape is the smaller recirculation at the rear 
of the tube resulting in a lower f (Fig 9c). 
 
 
Fig. 8. Magnitude velocity (ms-1) contours for flatten round tube (a) σ = 0.33 and Į = 84 m2/m3 and (b) σ = 0.50 and Į = 79 m2/m3, 
at u = 5 ms-1 and Re = 11,600 
The tubes with pointed fronts gave the highest average tube front and back Ĳw, which infers they have 
the lowest foulability. In the cases of the 75° diamond, 90° diamond and hexagon shapes the benefit of 
low foulability was offset by the high f. The pointed fronts on these tubes contributed to the high f by 
creating a natural flow separation point and large recirculation zones (Fig 9a). This also means the 
maximum velocity in the 90° diamond (27.5 ms-1) was 57% higher than for round. The low pressure drop 
of the ellipse is the result of a small rear recirculation zone (Fig 9d), whereas the round tube has a much 
larger rear recirculation zone (Fig 9b). 
Two limitations of the present study are the cost of production and required tube wall thickness are not 
considered. The tube cost is linked to the amount of processing required (welds and shaping) and material 
used, which is also related to tube wall thickness. Future work will look at the cost, wall thickness and 
validation of the best performing shapes through experimental tests. 
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Fig. 9. Magnitude velocity (ms-1) contours for tubes with σ = 0.33 and Į = 84 m2/m3 at u = 5 ms-1 and Re = 11,600; tube shapes are 
(a) 90° diamond, (b) round, (c) reverse egg, and (d) ellipse 
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5. Conclusion 
Tube shape has a significant impact on the j/f and jf/f ratios. Assuming these ratios account for heat 
transfer, gas flow resistance and foulability, the recommended tube for exhaust gas heat recovery is 
elliptical tube. The ellipse shape tube produced a j/f ratio 100 % and 120 % higher than that of round tube 
for the two arrangements considered.  The jf/f for the elliptical tube based separately on the front and back 
wall shear stress was around 100 % and 130 % greater than that of round tube, respectively. The flattened 
round tube is also promising, given enough spacing between the tubes, and may be a practical economic 
solution. 
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